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ABSTRACT 
Conventional passenger cars use waste heat from internal combustion engine 
for cabin heating. While for electric vehicles (EV), the energy conversion 
efficiency is much higher, so that there isn’t much waste heat available for 
cabin heating. A general way to provide heat for EV is to use a positive 
temperature coefficient (PTC) heater to convert electricity stored in the battery 
directly into heat by Joule effect. Although electric heaters usually have almost 
100% first law efficiency, their second law efficiency is typically very low. 
For a common electric car, turning on the PTC heater can drain the battery and 
decrease the drive range dramatically. A heat pump is an alternative way to 
provide equivalent amount of heat for the cabin with less electric energy 
consumption due to its higher second law efficiency, and will reduce the drive 
range reduction of EVs caused by cabin heating. Vapor compression cycle is 
commonly used for automotive air conditioning. By moderate modification of 
the air conditioning system, heat pump function can be obtained. A heat pump 
test setup has been built in the lab based on the heat pump system from a 
commercially available EV, with necessary measurement instrumentations 
added. Heating capacity (Q) and heating performance factor (HPF) are the 
most important performance parameters of the heat pump system. The system 
characteristics and steady state performance have been studied according to 
different system parameters including expansion valve opening size, 
refrigerant charge amount, compressor speed, indoor air mass flow rate, 
outdoor air face velocity, and ambient and indoor temperatures. The transient 
behavior can be simulated by using steady state test results for different indoor 
temperature at each ambient condition. Subcooling control for maximizing 
HPF and charge imbalance and migration are investigated. Challenges with 
the current system and opportunities for further study are discussed. 
  
iii 
 
ACKNOWLEDGMENTS 
This study is funded by the Air Conditioning and Refrigeration Center 
(ACRC), an industry/university cooperative research center. I wish to express 
appreciation to our sponsors. Without the generous support of ACRC member 
companies, this research would have not been possible. Special thanks to 
friends from Delphi, Parker, Behr, and CTS, for your generous donation of 
parts and invaluable help and suggestions for this project. I wish to thank my 
adviser, Professor Pega Hrnjak, for all the support, patience, and help 
throughout my studies. I wish to thank all ACRC colleagues for sharing your 
ideas and experience, and for helping and cooperating in the study. I wish to 
thank my family for all the sacrifices you’ve made, and for all the supports 
you’ve provided. I also wish to thank my girlfriend who has been so 
understanding and willing to help. Without the help and support from all of 
you, I wouldn’t have went so far. Thank you all! 
  
iv 
 
TABLE OF CONTENTS 
   
LIST OF SYMBOLS ....................................................................................................................... vi 
LIST OF FIGURES ........................................................................................................................ vii 
LIST OF TABLES ......................................................................................................................... viii 
CHAPTER 1: INTRODUCTION ..................................................................................................... 1 
1.1 Background and Motivation ................................................................................................... 1 
1.2 Objective ................................................................................................................................. 2 
1.3 Scope of This Study ................................................................................................................ 2 
1.4 Thesis Outline ......................................................................................................................... 2 
CHAPTER 2: LITERATURE REVIEW .......................................................................................... 3 
2.1 Electric Vehicles with Heat Pump .......................................................................................... 3 
2.2 Heat Pump Study in Open Literature ...................................................................................... 3 
2.3 Challenges of Heat Pump for EVs .......................................................................................... 6 
CHAPTER 3: HEAT PUMP SYSTEM CONFIGURATION DESIGN .......................................... 9 
3.1 Design Objectives ................................................................................................................... 9 
3.2 Direct System Configuration Design ...................................................................................... 9 
3.3 Indirect System Configuration Design ................................................................................. 12 
3.4 Comparison of Direct and Indirect System ........................................................................... 13 
CHAPTER 4: EXPERIMENTAL SETUP ..................................................................................... 15 
4.1 Test Facility .......................................................................................................................... 15 
4.2 Direct System Setup ............................................................................................................. 17 
4.3 Instrumentation ..................................................................................................................... 24 
4.4 Procedures of System Performance Measurement ............................................................... 25 
CHAPTER 5: DATA REDUCTION AND UNCERTAINTY ....................................................... 29 
5.1 Compressor Work ................................................................................................................. 29 
5.2 Air Side Capacity .................................................................................................................. 29 
5.3 Refrigerant Side Capacity ..................................................................................................... 32 
5.4 COP and HPF ....................................................................................................................... 33 
5.5 Measurement Uncertainty ..................................................................................................... 33 
CHAPTER 6: RESULTS AND DISCUSSION .............................................................................. 35 
v 
 
6.1 Determine Refrigerant Charge and EEV Opening Size ........................................................ 35 
6.2 Effect of Air Flow Rates and Compressor Speed ................................................................. 42 
6.3 Warm Up Characteristics ...................................................................................................... 45 
6.4 Potential for Subcooling Control for Maximizing HPF ........................................................ 47 
6.5 Preliminary Charge Retention Study for Both Modes .......................................................... 49 
CHAPTER 7: CONCLUSION ....................................................................................................... 56 
7.1 System Performance Characteristics .................................................................................... 56 
7.2 Challenges and Opportunities ............................................................................................... 57 
REFERENCES ............................................................................................................................... 59 
APPENDIX A: HEAT PUMP DESIGNS BY OTHER RESEARCHERS .................................... 60 
APPENDIX B: FROSTED OUTDOOR HEAT EXCHANGER ................................................... 63 
 
  
vi 
 
LIST OF SYMBOLS 
Abbreviations: 
A/C  Air Conditioning 
ACRC  Air Conditioning and Refrigeration Center 
COP  Coefficient of Performance 
Comp  Compressor 
EEV  Electronic Expansion Valve 
EV  Electric Vehicle 
EV1  Electric Car with Name ‘EV1’ 
Evap  Evaporator 
GWP  Global Warming Potential 
H/P  Heat Pump 
HPF  Heating Performance Factor 
ICE  Internal Combustion Engine 
Icond  Inner condenser 
IR  Infrared 
MAC  Mobile Air Conditioning 
Ohex  Outdoor heat exchanger 
OT  Orifice Tube 
PEEM  Power Electronics and Electric Motor 
PTC  Positive Temperature Coefficient 
R/D  Receiver/Drier 
TXV  Thermostatic Expansion Valve 
WGB  Wide Glide Blend 
 
  
vii 
 
LIST OF FIGURES 
Figure 1.1 Drive range reduction by heating with PTC heater and with heat pump ........................ 1 
Figure 3.1 Orifice tube-accumulator direct system layout .............................................................. 11 
Figure 3.2 Thermostatic expansion valve-receiver/drier direct system layout ............................... 11 
Figure 3.3 Three heat exchanger direct system layout ................................................................... 11 
Figure 3.4 Indirect system layout ................................................................................................... 12 
Figure 4.1 Environmental chamber setup layout ............................................................................ 16 
Figure 4.2 Direct heat pump system assembled in the test facility (shown in heating mode) ........ 17 
Figure 4.3 Compressor .................................................................................................................... 18 
Figure 4.4 Transparent accumulator ............................................................................................... 18 
Figure 4.5 Inner condenser and its intermittent header ................................................................... 20 
Figure 4.6 Evaporator ..................................................................................................................... 21 
Figure 4.7 Outdoor heat exchanger ................................................................................................. 22 
Figure 4.8 Parker SER-A EEV ....................................................................................................... 23 
Figure 4.9 Refrigerant side instrumentation ................................................................................... 25 
Figure 6.1 Charge determination test for cooling mode ................................................................. 37 
Figure 6.2 Change of refrigerant pressure and mass flow rate during cooling mode charge test ... 37 
Figure 6.3 Heating mode charge determination with EEV fully open............................................ 38 
Figure 6.4 Liquid accumulation during heating mode charge determination test .......................... 38 
Figure 6.5 Effect of EEV opening size on capacity, compressor work, and HPF .......................... 39 
Figure 6.6 Effect of EEV opening on refrigerant pressure and mass flow rate .............................. 41 
Figure 6.7 Heating mode charge determination test for EEV opening at 40% ............................... 42 
Figure 6.8 Effect of indoor air flow rate on heating performance .................................................. 43 
Figure 6.9 Effect of outdoor air flow rate on heating performance ................................................ 44 
Figure 6.10 Effect of compressor speed on heating performance................................................... 44 
Figure 6.11 Heating demand and available heat as functions of ambient temperature ................... 45 
Figure 6.12 Heating capacity and HPF during warming-up ........................................................... 46 
Figure 6.13 Control subcooling for maximizing HPF when keeping heating capacity constant .... 48 
Figure 6.14 Effect of subcooling on HPF for three different conditions ........................................ 48 
Figure 6.15 Effect of EEV opening size on HPF ............................................................................ 49 
Figure 6.16 Void fraction and refrigerant density as functions of vapor quality for R134a ........... 51 
Figure 6.17 Charge retention test setup .......................................................................................... 52 
Figure 6.18 Cooling mode charge retention ................................................................................... 52 
Figure 6.19 Heating mode charge retention .................................................................................... 53 
Figure 6.20 Effect of EEV opening on refrigerant charge migration ............................................. 55 
Figure 6.21 Change of accumulator liquid level when controlling subcooling for maximizing HPF
 ........................................................................................................................................................ 55 
 
  
viii 
 
LIST OF TABLES 
Table 3.1 Comparison of direct and indirect systems ..................................................................... 14 
Table 4.1 Inner condenser geometric parameters ........................................................................... 20 
Table 4.2 Evaporator geometric parameters ................................................................................... 21 
Table 4.3 Outdoor heat exchanger geometric parameters .............................................................. 23 
Table 5.1 Determination of refrigerant enthalpy ............................................................................ 32 
Table 5.2 Uncertainty of measurements ......................................................................................... 34 
Table 6.1 System internal volume measurements and uncertainty ................................................. 51 
1 
 
CHAPTER 1: INTRODUCTION 
1.1 Background and Motivation 
As public demand for higher energy efficiency and cleaner environment grows, electric vehicles 
(EV) are getting more and more popular. One challenge that EVs are facing with is cabin climate 
control, especially when heating is needed. Unlike conventional internal combustion engine 
(ICE) driven passenger cars, EVs don’t have sufficient waste heat for cabin heating due to much 
higher energy conversion efficiency. A general way to provide heat for EV is to use a positive 
temperature coefficient (PTC) heater to convert electricity stored in the battery directly into heat 
by Joule effect. Although electric heaters usually have almost 100% first law efficiency, their 
second law efficiency are typically very low. For a common electric car, turning on the PTC 
heater can drain the battery and decrease the drive range dramatically.  A heat pump is an 
alternative way to provide equivalent amount of heat for the cabin with less electric energy 
consumption due to its higher second law efficiency, and will increase the drive range of EVs 
in cold weather largely. A comparison by Delphi researchers (Wawzyniak 2011) showed a huge 
improvement in drive range by using a heat pump for cabin heating compared to a PTC heater, 
as shown by Figure 1.1. In EV industry, ‘range anxiety’ is one of the most challenging issues. 
Heat pump provides a way to increase the expected drive range without increasing the size of 
the battery, and with only moderate modification of the existing climate control system. 
 
Tamb=0˚C, v=18.3 km/h, Cbattery=20 kWh, Qheating=2 kW, Pdrive=2.5 kW, A/B-segment vehicle 
Figure 1.1 Drive range reduction by heating with PTC heater and with heat pump 
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A further potential benefit of heat pump is integrated thermal management. Modern EVs use 
high energy density batteries. Though these batteries have relatively high efficiency, due to their 
large power output and compactness of the battery pack, the amount of heat generated when 
discharging electricity can cause fatal overheating. While on the other hand, low temperature 
will degrade the battery capacity and sometimes even shorten battery life. Hence, battery 
thermal management is usually necessary for EVs. Several other components on EVs, like 
power electronics and electric motor (PEEM), and drive train, typically need a cooling system 
to prevent overheating. So there can be multiple thermal management systems on one EV. 
Integrated thermal management systems have been studied from different scopes through the 
open literature. By integrating the cabin climate control, battery thermal conditioning, and 
cooling of PEEM and drive train, it is possible to reduce the total weight of the car, and to 
provide opportunity for waste heat recovery when heating is needed. 
1.2 Objective 
The objective of this study is to look into the general characteristics of heat pump for EV, clarify 
the basic design constraint and concepts, build an experimental setup, study its performance, 
find the bottleneck, and finally identify the direction for future study to improve. 
1.3 Scope of This Study 
The heat pump studied in this thesis is classified as vapor compression refrigeration cycle, other 
heat pump concepts such as thermoelectric effect and magnetocaloric effect are not included. 
The study is focused on a specific interest in application for electric vehicles. The basic design 
concepts are discussed for both direct and indirect systems. The experimental work is done only 
with the direct system. System performance and characteristics are of major interest, with some 
discussion in charge retention and migration. 
1.4 Thesis Outline 
Chapter 1 gives the general background of heat pump for electric vehicles. Chapter 2 gives a 
detailed review of latest application in industry and research work in open literature. Chapter 3 
is detailed discussion upon heat pump design issues. Chapter 4 introduces the experimental 
facility for this study. Chapter 5 gives details of data reduction. Chapter 6 presents the 
experimental findings. Chapter 7 is conclusion of this study and discussion on future studies.
3 
 
CHAPTER 2: LITERATURE REVIEW 
2.1 Electric Vehicles with Heat Pump 
Electric vehicles have been developing for over 150 years with ups and downs. In recent years, 
various mass production EV models were developed by many manufacturers. Although heat 
pump has advantage of high energy efficiency, PTC heater is still the most common way of 
providing heat for the cabin. Only a handful EV models have been or are starting to using heat 
pump. EV1, an EV model developed by General Motors at the end of the 20th century, was the 
first mass produced EV with a heat pump installed. Nissan Leaf and Renault ZOE are the first 
ones among existing mass produced EV models to use a heat pump to collect heat from ambient 
air for cabin heating. Their drive range is reported to be increased largely by multiple websites. 
Kia Soul EV is the latest one to be reported to use a heat pump, and this heat pump can also 
recover waste heat from the Soul EV’s electrical systems. 
2.2 Heat Pump Study in Open Literature 
Though the application of heat pump on electric vehicles can be traced back to the time when 
EV1 was developed, not much technical details was found on those early mobile heat pump 
systems. In the following few decades, various studies on heat pump for EV has been carried 
out and published or presented by researchers in universities and in industrial companies. A 
review of these studies is presented in the following section, some of them are discussed with 
more details, while others are given as simple references. 
2.2.1 ACRC CO2 heat pump 
In 2000, a transcritical CO2 heat pump prototype system was built and studied in the Air 
Conditioning and Refrigeration Center (ACRC) in the University of Illinois at Urbana-
Champaign (Giannavola and Hrnjak 2000). The results showed that the heating capacity was 
not significantly reduced even in very low ambient temperature, which is typically the case for 
common R-134a heat pump systems. The warm-up characteristics was also investigated. 
2.2.2 Valeo heat pump developments 
In 2002, Valeo has studied with a CO2 heat pump for various problems including flash fogging, 
defrosting, and integration with engine thermal management (Hesse 2002). In their first 
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prototype system, with a simple modification of adding a four-way-valve, the standard A/C 
system can be switched to H/P operation mode. However, by using only one indoor heat 
exchanger, there was a risk of flash fogging problem when switching from A/C mode to H/P 
mode was needed at some point. In their second prototype, they integrated engine coolant loop 
with the A/C system by a refrigerant-to-coolant heat exchanger, while another coolant-to-air 
radiator was used for cabin heating, a 35% reduction in extra fuel needed to provide heating for 
the cabin at ambient of -20 ˚C was reported. In this study, serious drop in performance was 
observed when frosting happened at the outdoor heat exchanger surface, and defrosting was 
discussed. 
In 2012, Valeo presented their later heat pump developments of a direct system and an indirect 
system with R-1234yf, and a modular system with CO2 (J.Benouali et al. 2012). This study 
concluded that the thermo-physical properties of R-1234yf are less powerful than CO2, potential 
heating capacity drops much faster for R-1234yf system than that of CO2 system, and the 
modular CO2 system has more room to be improved than R-1234yf system. The reason was 
mainly due to very low suction pressure and high pressure ratio of R-1234yf at very low ambient 
temperature. In this study, the criteria of how to find better refrigerant for mobile heat pump 
application was discussed. A new blend refrigerant was found and tested. The new blend 
provided higher heating capacity, while HPF was lower than that of R-1234yf system. 
2.2.3 Denso CO2 heat pump with electric compressor 
Denso has developed a CO2 heat pump system for a fuel cell hybrid vehicle (Hunemorder and 
Kakehashi 2003). This system consists of two indoor heat exchangers, one outdoor heat 
exchanger, an internal heat exchanger, an electric compressor, and several other components. 
The performance of this system was compared to a similar R-134a system. Much better heating 
performance was achieved by the CO2 system at high heating load condition. The later version 
of Denso system with R-134a has been adopted by Nissan Leaf EV, but the internal heat 
exchanger was not used for R-134a system. That system is in fact the original prototype being 
studied in this thesis. 
2.2.4 Behr heat pump 
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Researchers from Behr (Wawzyniak 2011) have studied heat pump options including air-to-air, 
air-to-coolant, and coolant-to-coolant configurations. The proposed heat pump system could be 
switched among H/P, A/C, Reheat, and De-icing modes. As discussed in their presentation, 
heating demand increased while potential heating capacity decreased when ambient temperature 
decreased. At low ambient temperatures, the potential heating capacity was not enough to 
satisfy the heating demand, therefore a PTC heater was need to provide supplementary heat. By 
comparison of refrigerants with the air-to-air system, R-1234yf caused up to 5% decrease in 
maximum heating capacity, and up to 10% decrease of COP at same capacity when compared 
to R-134a. Comparison of air-to-air and air-to-coolant systems showed that air-to-air system 
provided higher capacity and higher COP at same condition.  
2.2.5 Delphi unitary HPAC system 
Delphi has been working on secondary loop systems for many years, mainly with R-152a 
(Ghodbane 2000). Secondary loop system, or indirect system, use a secondary coolant loop as 
a heat transfer media between refrigerant and air. With a secondary loop, the refrigerant loop 
can be designed to be simple and compact. The amount of refrigerant needed for operation can 
be reduced greatly. More refrigerant options, including slightly flammable refrigerant will have 
a chance to be applied. The unitary HPAC system developed by Delphi (Kowsky et al. 2012) 
used a compact refrigerant loop, together with a coolant distribution system to provide both 
cooling and heating for a vehicle. At the same time, thermal management of battery and power 
electronics, as well as waste heat recovery from heat generating devices and from cabin exhaust 
air were integrated. Tests with the unitary HPAC showed huge charge reduction compared to 
conventional A/C system. The reduction in electric drive range by unitary HPAC+PTC was 
5~10% less than that by conventional A/C+PTC when heating was needed, while 5% more 
when cooling was needed. This study also presented an ambient temperature weighting factor 
curve. Based on this weighting factor, the unitary HPAC can improve the electric drive range, 
and decrease CO2 emission by 25%. 
2.2.6 Visteon heat pump studies 
Visteon studied a heat pump to supply supplementary heat for motor vehicle in 2004 
(Antonijevic and Heckt 2004). This system used R-134a as refrigerant, and added a four-way-
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valve to a conventional mobile air conditioning system to switch the flow direction. It was 
capable to supply an amount of 1.5~3 kW heating capacity according to the ambient temperature 
and operating conditions. The beauty of this system was it provided heat for the cabin instantly 
and did not draw heat from coolant at startup, hence the engine could be heated up faster and 
optimum engine performance can be reached with less time. A later study by Visteon was 
briefly reported on a webpage (Visteon Heat Pump System for Hybrid and Electric Vehicles 
2012). It was reported that this system consumes 50% less power than electric heaters and can 
extend electric drive mileage by 30% for a New York City drive cycle at -10 ˚C. 
2.2.7 CTS heat pump with WGB 
As heat transfer from refrigerant to air goes through a huge temperature difference during heat 
pumping, wide glide blend (WGB) has better potential than pure refrigerants since it enables 
better match of refrigerant and air temperature profile and therefore reduces entropy generation. 
Also, blending of low pressure and high pressure refrigerant increases evaporating pressure, 
hence lowers compression pressure ratio, and reduces compressor power, while maintaining 
appreciable performance. A study on WGB for heat pump application by CTS was presented 
(Musser and Hrnjak 2012). It was shown that the WGB provided much larger maximum heating 
capacity compared to R-134a with slightly lower COP, while at matching capacity, the WGB 
had higher COP values, especially when ambient temperature was low. However, for A/C 
operation, the WGB did not provide more cooling capacity while COP values could be 
significantly lower. With infrared (IR) images taken, the distribution in the outdoor heat 
exchanger in HP with WGB was shown to be more uniform than that with R-134a. 
2.3 Challenges of Heat Pump for EVs 
Though mobile heat pump has been studied for decades both in industry and in academia, it is 
not seen widely used by automotive industry. So far, only a handful EV models are using heat 
pump for cabin heating. The reason for this is credited to various challenges. 
First, for any types of heat pump systems using ambient air as major heat source, the potential 
heating capacity decreases as ambient temperature becomes lower, while at the same time, 
heating demand is increasing. So heat is more difficult to get when it is more severely needed. 
The decrease in heating capacity with ambient temperature is inevitable due to the second law 
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of thermodynamics. As ambient temperature becomes lower, while comfortable air temperature 
remains almost the same, the heat transfer temperature difference between ambient air and cabin 
air becomes larger, therefore a smaller maximum possible HPF can be anticipated. With the 
same available power input and about the same second law efficiency, the heating capacity will 
be smaller. This feature of heat pump systems makes a PTC heater necessary to provide the 
difference between heating demand and maximum heat pump heating capacity. Therefore the 
use of a heat pump does not eliminate the need for an electric heater, while it actually makes 
the system even more complex. 
Second, frosting at outdoor heat exchanger surface cannot be avoided and can hurt the system 
performance badly. The frosting issue is most severe at ambient temperature around 0 ˚C with 
high relative humidity. Far below 0 ˚C, the absolute amount of water vapor in the ambient air 
is relatively small due to low saturation water vapor pressure at subzero temperatures. For 
ambient temperature several degrees higher than 0, the fin surface temperature won’t reach 
freezing point, and no ice will form. Beside ambient temperature and humidity effects, some 
real-life situations usually make things worse, like splashing water droplets and snow blush 
encountered during driving can easily get trapped to the heat exchanger surface and block the 
air flow, hence reduce heating capacity. There are multiple studies on frosting mechanism, 
frosting effects on performance, and defrosting strategies in the literature. However, this 
problem still remains one of the biggest challenges for mobile heat pump. 
Another challenge is the choice of refrigerant. Currently, R-134a is undoubtedly the dominant 
refrigerant for automotive industry. However, it is not good for heat pump operation due to the 
low saturation pressure at subzero temperature. Largely decreased suction pressure increases 
compressor pressure ratio and suction volumetric flow rate, therefore substantially increases 
compressor work. Also, R-134a is getting phased out from automotive industry due to its high 
global warming potential (GWP). CO2 performs much better for heat pump operation, and has 
been studied by many researchers, as can be seen from the previous section. And it is probably 
the most environmentally friendly refrigerant. The difficulty with CO2 system comes from 
higher pressure requirement for components, higher cost, and not as good performance in A/C 
mode when compared to R-134a systems. 
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Finally, switching of operation modes brings new challenges. To enable change of operation 
modes, a few extra flow control valves are needed, and cost will be increased. To optimize 
system performance in both A/C and H/P modes, it is necessary to redesign heat exchangers 
and some other components, and better control strategies are also needed. Through our study, 
it can be seen the refrigerant charge amount needed for A/C and H/P modes are different. This 
brings forth the new study topic of minimizing the difference of charge amount needed for 
different modes. For some simple system designs based on modification of existing A/C 
systems, for instance, reversing the flow directions with a four-way-valve, flash fogging can be 
a serious safety problem, at the same time, typical four-way-valve design with a sliding block 
makes it not suitable for highly vibrative automotive applications. 
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CHAPTER 3: HEAT PUMP SYSTEM CONFIGURATION DESIGN 
3.1 Design Objectives 
Unlike conventional A/C systems for gasoline cars, heat pump for EVs should be designed for 
multiple functions. The basic requirements are cooling and heating. The system should provide 
cooling for the cabin while rejecting heat to ambient in cooling mode, and should provide 
heating for the cabin while absorbing heat from ambient in heating mode. For some situations, 
dehumidification and reheating of fresh air is needed. Hence the system should be able to first 
cool air to dehumidify, and then reheat it to a comfortable temperature. This kind of occasion 
can happen in a typical rainy spring day. As frosting at the outdoor heat exchanger surface is 
hardly avoidable, a defrosting mode should be considered. Without an electric heater or 
something like microwave defrosting devices, defrosting of the outdoor heat exchanger can be 
accomplished either by turning the outdoor heat exchanger as a condenser, or running the 
system in a triangular cycle such that all compressor work will be converted to heat and get 
dissipated to the accumulated ice. Function of the heat pump system can further be extended to 
thermal management of battery and PEEM, as well as waste heat recovery. 
As discussed in the literature review, there is a wide variety of different system configurations 
being proposed by engineers and researchers. In this thesis, system configuration design of both 
direct and indirect systems capable of running in cooling, heating, reheat, and defrosting modes 
are discussed.  
3.2 Direct System Configuration Design 
There are two different basic configurations for typical mobile air conditioning (MAC) systems. 
One of them use fixed orifice tube (OT) as an expansion device, and a low pressure side 
accumulator is used as a liquid-vapor separator before the compressor suction line. The other 
strategy use a thermostatic expansion valve (TXV) as expansion device, while a high pressure 
side receiver/drier (RD) is used for storing extra refrigerant mass. While turning into a heat 
pump air conditioning (HP/AC) system, a few modifications are needed. 
Figure 3.1 shows a direct reversing strategy with OT-accumulator system. A four-way valve is 
added between the accumulator inlet and compressor outlet, such that the accumulator will work 
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for both cooling and heating modes. Dehumidification and outdoor heat exchanger defrosting 
can be realized by operating the refrigerant loop in cooling mode, and turn on the electric heater.  
However, this strategy is difficult to achieve practically for a few reasons. First, typical four-
way valves use a slider block inside the valve body to switch flow directions. These valves 
works well in residential heat pump air conditioning systems as they operates in quiescent 
environment, while MAC systems operate in highly vibrative conditions, which make these 
valves unreliable. Second, typical orifice tubes work in only one direction, while the scheme 
shown in Figure 3.1 requires the orifice tube to work in one direction for cooling and another 
direction for heating. This may require for special design of the orifice tube. Furthermore, the 
orifice tube opening size is fixed, and it is difficult to make that size appropriate for both cooling 
and heating modes. In fact, later in this thesis, we’ll see that the orifice size for heating mode 
will be much smaller than that for cooling mode. One solution to these issues is to use two 
orifice tubes, and add a check valve downstream each. Third, reversing refrigerant flow 
directions in both indoor and outdoor heat exchanger may require more careful heat exchanger 
design for optimum system performance. 
Another strategy of direct system using two heat exchangers is shown in Figure 3.2. A high side 
receiver/drier is used instead of the low side accumulator. Generally, receiver/driers are 
designed to be used for only one direction, hence two check valves are used to ensure the 
refrigerant flow direction through the receiver/drier doesn’t get reversed. Moreover, as the 
compressor suction is not protected by a liquid-vapor separator, thermostatic expansion valves 
(TXV) instead of fixed orifice tubes are used as throttling devices to ensure certain level of 
superheat before the compressor suction port. 
With careful design and appropriate sizing, the two strategies discussed above can provide 
cooling, heating, dehumidifying, and defrosting functions, while by using only two heat 
exchangers, dehumidification function requires turning on electric heater. Figure 3.3 shows a 
design of using three heat exchangers for vehicle cabin climate control. By using two heat 
exchangers inside the cabin, dehumidification can be achieved simply by opening an air door 
for the inner condenser. This design is first proposed by Denso Corporation (Hunemorder and 
Kakehashi 2003), and is now commercialized on latest Nissan Leaf EV models. Experimental 
study in this thesis will be focused on this system configuration design. 
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 Figure 3.1 Orifice tube-accumulator direct system layout 
 Figure 3.2 Thermostatic expansion valve-receiver/drier direct system layout 
 Figure 3.3 Three heat exchanger direct system layout 
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3.3 Indirect System Configuration Design 
Inspired by the Delphi Unitary HPAC System (Kowsky, et al. 2012), an indirect system is 
designed as shown in Figure 3.4. The air handling units are basically the same as the direct 
system shown in Figure 3.3, only without the air door. The refrigerant loop consists of a 
compressor, a refrigerant-to-coolant condenser, an expansion valve, a refrigerant-to-coolant 
evaporator, and an accumulator, and is compiled in a compact box. Two pumps are used to 
distribute coolant, most likely 50/50 water/glycol, to the radiator, cabin heater, and cabin cooler 
through a coolant distributing piping network. Two ball valves and one 3-way valve are used to 
control coolant flow in the piping network. 
In all operating modes, the refrigerant loop stays the same, creating a hot end at the condenser, 
and a cold end at the evaporator. When heating is needed, the cold coolant is directed to the 
radiator by switching the 3-way valve to absorb heat from ambient air. At the same time, the 
heater valve is opened to allow hot coolant to provide heat to cabin through cabin heater, while 
the cooler valve is kept closed. When cooling is needed, the hot coolant is directed by the 3-
way valve to the radiator to dissipate heat to the ambient, while the cold coolant is guided to the 
cooler to cool cabin air by opening the cooler valve, and the heater valve is kept closed. When 
dehumidification is needed, both the cooler valve and heater valve are opened to first cool cabin 
air to dehumidify, and then heat air to comfortable temperature. Meanwhile, the 3-way valve 
can be placed according to whether heat should be obtained from or dissipated to ambient air. 
 
Figure 3.4 Indirect system layout 
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3.4 Comparison of Direct and Indirect System 
Both the direct and indirect systems discussed above can provide cooling, heating, 
dehumidification, and defrosting functions, while both provide some benefits and are subject to 
some limitations. 
With respect to refrigerant, direct system has a longer refrigerant loop since it has to spread 
refrigerant all over the heat exchangers distributed in the front side of the car and inside the 
cabin, while refrigerant loop of indirect system is very compactly contained in a small section. 
Hence, total refrigerant amount needed for indirect system can be much smaller than that of 
direct system. Smaller amount of refrigerant and compactness of refrigerant loop make it much 
easier for secondary loop systems to use a wider variety of refrigerants, including high pressure 
R744 (or CO2), and low GWP but slightly flammable R1234yf. 
Though indirect system may require less refrigerant, it needs two secondary coolant loops. In 
automotive industry, 50/50 water/glycol is the most commonly used coolant. Adding of coolant 
not only increases total weight of the vehicle, but also increases thermal resistance between air 
and the refrigeration cycle, hence decreases energy efficiency. However, there exists 
opportunity to increase the refrigerant cycle COP by optimizing heat exchanger design and by 
choosing better refrigerant that can be difficult to use in direct systems. Furthermore, with a 
cold stream and a hot stream of coolant, thermal management of battery pack, power electronics 
and electronic motor becomes more convenient. 
Heat exchanger design for indirect system is less demanding than that for direct system. All the 
air handling heat exchangers in indirect system are coolant-to-air heat exchangers, both flow 
streams are single-phase. Coolant flow are more stable and controllable than phase changing 
refrigerant flow. Thus indirect system will have less chance of mal-distribution problem. While 
for direct system refrigerant-to-air heat exchangers, two-phase flow in microchannels can often 
end up in mal-distribution, and part of the heat exchanger surface will have almost no heat 
transfer through it, which eventually degrade system performance. For the two refrigerant-to-
coolant heat exchangers in the indirect system, evaporator and condenser never changes roles. 
Nevertheless, for the direct system, the outdoor heat exchanger works as a condenser in cooling 
mode, while as an evaporator in heating mode, which makes it difficult to optimize the design. 
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Both direct and indirect systems haven’t been fully explored. All the benefits and challenges 
remains to be studied. Qualitatively, they are summarized below: 
Table 3.1 Comparison of direct and indirect systems 
Direct system Indirect system 
Benefits: 
• Less heat exchangers, lower cost 
• Better heat transfer 
• Off-the-shelf components 
Benefits: 
• Lower refrigerant charge 
• Less risk of refrigerant leakage 
• Wider choice of refrigerants 
• No oil trapping 
• Lower cost in tubing 
• Flexible coolant distribution control 
• Enables thermal storage 
Challenges:  
• Limited choice of refrigerants 
• Refrigerant charge imbalance 
• Poor waste heat recovery 
• High pressure requirements for connections, 
tubes, and valves 
Challenges: 
• Worse heat transfer performance 
• New heat exchangers not easily available 
• More weight added by coolant and extra 
heat exchangers 
• Extra control valves for coolant 
 
 
  
15 
 
CHAPTER 4: EXPERIMENTAL SETUP 
4.1 Test Facility 
For the experimental study, two environmental chambers, wind tunnels, a compressor stand, an 
experimental mobile heat pump air conditioning direct system, and measuring instrumentations 
were used. Layout of environmental chambers and compressor stand is shown in Figure 4.1. 
The two chambers were used to mimic outdoor ambient and cabin interior air conditions. The 
outdoor chamber has dimension of 4.7 m × 2.5 m × 2.3 m, and indoor chamber 4.7 m × 2.2 m 
× 2.3 m. They were first assembled by Peuker (Peuker and Hrnjak 2010) in Mechanical 
Engineering Laboratory room 3421. Necessary modification were made on the open loop wind 
tunnels to fit in new heat exchangers. In each chamber, there is a variable power electric heater 
on the floor, and an evaporator core underneath the ceiling which is connected to a chiller next 
to outdoor chamber. Temperature in each chamber can be manually controlled by adjusting 
heater input power and chiller operating parameters. Relative humidity can be controlled by 
injecting vapor through building vapor supply line. In the current study, effect of relative 
humidity on system operation is not a priority, and all the experiments in this thesis are carried 
out at dry condition. Air flow through heat exchangers are drawn by frequency controlled metal 
blade blowers assembled at the exit of the wind tunnels. Air flow rate is obtained by measuring 
temperature of air at the nozzle outlet and pressure drop across the nozzle. Air temperature 
before and after heat exchangers are measured by thermocouple grids. For cooling mode, even 
though the air inlet relative humidity is kept relatively low by turning on a dehumidifier, as the 
temperature drop could be substantial, condensation of water may happen at the evaporator 
surface. Hence, chilled mirror dew point sensors are installed to measure dew point temperature 
at air inlet of evaporator and at the nozzle. With measurements from the wind tunnel, air side 
capacity of heat exchangers can be obtained. 
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Figure 4.1 Environmental chamber setup layout 
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4.2 Direct System Setup 
Figure 4.2 shows a schematic of the direct experimental system assembled inside the test facility. 
The air side measurement instrumentation and refrigerant mass flow meters are also shown in 
the figure. The experimental direct heat pump system consists of a compressor, a transparent 
accumulator, an inner condenser, an evaporator, an outdoor heat exchanger, a 3-way valve, a 
bypass valve, and two electronic expansion valves. 
The 2014 Nissan Leaf EV uses Denso Model ES27C electric compressor in their heat pump air 
conditioning system. A picture of that compressor is shown in Figure 4.3 (b). To run that 
compressor, a 400 V DC power supply and automotive manufacturer specific CAN bus 
controller are needed. Due to the difficulty of getting them, we instead used an ACDelco shaft-
driven semi-hermetic compressor from a previous ACRC project, as shown in Figure 4.3 (a). 
The compressor is driven by an electric motor located below the compressor stand. The motor 
is controlled by a variable frequency driver. A torque transducer and a tachometer are used to 
measure the torque on the shaft and compressor speed. 
 
Figure 4.2 Direct heat pump system assembled in the test facility (shown in heating mode) 
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(a) ACDelco semi-hermetic compressor               (b) Denso Model ES27C electric compressor 
Figure 4.3 Compressor 
 
Figure 4.4 Transparent accumulator 
The transparent accumulator shown in Figure 4.4 works as a liquid vapor separator before 
compressor suction. The transparent wall allows easy observation of change in system active 
refrigerant charge amount. A ruler is attached to outside of the accumulator for liquid level 
measurement. 
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The inner condenser is a microchannel heat exchanger. It has two slabs and each slab has one 
single pass. A photo is shown in Figure 4.5 and the geometry was measured and summarized in 
Table 4.1. It has a special intermittent header design, as also shown in Figure 4.5. The 
microchannel tubes are all connected in parallel in both the inlet and outlet headers. While at 
the intermittent header between the first and second slabs, the microchannel tubes in each pass 
are arranged in groups of two, and every group is connected only to the corresponding group in 
the other slab. The evaporator is also a microchannel heat exchanger, with two slabs and two 
passes on each slab. All the inlet, intermittent, and outlet headers are rectangular in shape. 
Picture and geometry of the evaporator are shown in Figure 4.6 and Table 4.2, respectively. A 
wind tunnel section was designed and built with 3/4" pine wood to host the evaporator and inner 
condenser so that they can be connected to the readily built nozzle section. The evaporator was 
placed near the inlet of the wind tunnel, with an angle of 7˚ leaning toward downstream of the 
air flow to help condensate drainage. A draining section was made by carving the floor of the 
wind tunnel down by a few millimeters and sealing with aluminum tape toward a draining hole 
at the bottom. A 4×4 thermocouple grids was made by spacing welded type T thermocouples 
evenly across the face area of the evaporator to measure the average evaporator air inlet 
temperature. Each row of thermocouples were attached to a fishing line, which was fixed at one 
end on one side of the wind tunnel inner wall, while the other end was hooked to a spring 
through a screw eye on the other side of the wind tunnel inner wall. This design allows us to 
take off the thermocouple grid easily when the heat exchanger needs to be moved or replaced. 
The evaporator air outlet temperature can be measured by a 3×3 thermocouple grid. In order for 
convenient debugging and modification of the system, this grid was placed about 70 cm 
downstream the evaporator, integrated into an inner condenser assembly. The inner condenser 
assembly was made to fit in the inner condenser and two air doors. By using two air doors, both 
the front and back sides of the inner condenser can be blocked to prevent heat transfer to the air 
in cooling mode. While in heating mode, both doors can be switched to the air channel, to force 
air flow through the inner condenser. The air channel was made to have the same cross-sectional 
area as the inner condenser face area. Two 3×3 thermocouple grids were made to measure air 
inlet and outlet temperature through the inner condenser. Together with the evaporator outlet 
thermocouple grid, all three grids were installed on the inner condenser assembly in such a way 
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that the inner condenser can be taken out of the assembly without moving the thermocouples, 
and the entire assembly can be taken out of the wind tunnel without moving any other parts.  
Table 4.1 Inner condenser geometric parameters 
Parameter Unit Value 
Width (no side plates) [mm] 188.91 
Height w/ headers [mm] 169.86 
Height w/o headers [mm] 157.16 
Depth [mm] 34.07 
Fin depth [mm] 27.32 
Inlet tube outer diameter [mm] 11.68 
Outlet tube outer diameter [mm] 12.19 
Length of tubes covered by fins [mm] 150.81 
Microchannel tube thickness [mm] 1.70 
Microchannel tube pitch [mm] 6.68 
10*(Tube picthes + tube thickness) [mm] 83.25 
Fin thickness [mm] 0.059 
Number of slabs [-] 2 
Number of tubes per slab [-] 22 
Number of side plates [-] 0 
Number of refrigerant flow passes [-] 2 
Number of columns of fins [-] 23 
Rows of fins per column [-] 153 
 
  
Figure 4.5 Inner condenser and its intermittent header 
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Table 4.2 Evaporator geometric parameters 
Parameter Unit Value 
Width w/ side plates [mm] 254.00 
Width w/o side plates [mm] 249.24 
Height w/ header [mm] 225.43 
Height w/o header [mm] 196.85 
Depth [mm] 39.22 
Inlet tube outer diameter [mm] 12.02 
Outlet tube outer diameter [mm] 15.91 
Header total width (upper) [mm] 42.27 
Header pitch between two slabs (upper) [mm] 12.30 
Header total width (lower) [mm] 42.92 
Microchannel tube thickness [mm] 1.79 
Fin thickness [mm] 0.064 
Number of slabs [-] 2 
Number of tubes per slab [-] 29 
Number of side plates [-] 2 
Columns of fins per slab [-] 30 
Rows of fins per column [-] 75 
Number of refrigerant flow passes [-] 4 
Number of tubes of first pass [-] 15 
Number of tubes of second pass [-] 14 
Number of tubes of third pass [-] 18 
Number of tubes of fourth pass [-] 11 
 
 
Figure 4.6 Evaporator 
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The outdoor heat exchanger used is a one slab two pass microchannel heat exchanger. A picture 
is shown in Figure 4.7 and the geometry was measured and summarized in Table 4.3. It acts as 
an evaporator in heating mode and as a condenser in cooling mode. It was first mounted on a 
wood board with a rectangular hole made to fit it in. The wood board assembly was then 
assembled to the upper branch of the outdoor wind tunnel as a gasket. Weather strips were used 
for sealing the seams between the wood board gaskets and wind tunnel flanges. This gasket-
like geometry made it very convenient when changing of heat exchanger is needed. Two 5×5 
thermocouple grids were made and placed closely upstream and downstream the outdoor heat 
exchanger, and was attached to the wind tunnel wall in a similar way as for the evaporator air 
inlet thermocouple grid, while remaining independent to the wood board assembly. 
For switching from cooling mode to heating mode, a Swagelok 1/2" 3-way valve is used to 
bypass the evaporator in heating mode, and a Muller 1/2" refrigeration ball valve is used to 
bypass the outdoor EEV in cooling mode. Both valves are manually switched. Two Parker 
model SER-A EEVs are used to mimic the original orifice tubes as expansion devices, one for 
cooling mode, and the other one for heating mode. A picture of the electronic expansion valve 
is shown in Figure 4.8. To setup the EEV opening size, the Parker Interface Board (IB) model 
IQ2 is used. As IB controller needs a 0~10 V input signal to represent EEV opening size of 0% 
to 100%, a voltage division circuit with output voltage from 1 to 10 V was designed and made 
for each IB controller. The voltage signal can be easily adjusted by a manual potentiometer. 
 
Figure 4.7 Outdoor heat exchanger 
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Table 4.3 Outdoor heat exchanger geometric parameters 
Parameter Unit Value 
Height w/ side plates [mm] 325.97 
Height w/o side plates [mm] 311.15 
Width w/ headers [mm] 625.48 
Width w/o headers [mm] 587.38 
Depth [mm] 22.39 
Inlet tube diameter [mm] 12.70 
Outlet tube diameter [mm] 12.70 
Side plate thickness [mm] 1.59 
Microchannel tube thickness [mm] 1.02 
Microchannel tube pitch [mm] 5.39 
Fin thickness [mm] 0.076 
Number of slabs [-] 1 
Number of tubes per slab [-] 48 
Number of refrigerant flow passes [-] 2 
Number of tubes of first pass [-] 29 
Number of tubes of second pass [-] 19 
Number of side plates [-] 2 
Number of rows of fins [-] 49 
Columns of fins per row [-] 430 
 
 
Figure 4.8 Parker SER-A EEV 
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4.3 Instrumentation 
To quantitatively study performance of the experimental system, compressor shaft work, air 
side and refrigerant size heat exchanger capacities should be measured. 
For compressor work, a torque transducer is connected to the compressor shaft, and a 
tachometer monitors the compressor speed. Both are processed into 0~5 V voltage signals and 
sent to the data logger. 
Sensor instrumentation for air side capacity are shown previously in Figure 4.2. Both indoor 
and outdoor air volumetric flow rates are measured by nozzles placed downstream of the heat 
exchangers. The indoor wind tunnel uses two 2.5" nozzles in parallel, while the outdoor wind 
tunnel uses one 6" nozzle. Air flow pressure drop across the nozzles are measured by a 5" WC 
and a 3" WC differential pressure transducers, respectively. Nozzle air temperatures are 
measured by welded type T thermocouples to determine air density at the nozzle exit. With 
nozzle geometry, pressure drop, and air temperature, the volumetric flow rate of air can be 
determined. The air enthalpy at inlet and outlet of heat exchangers are evaluated with 
temperature measurements by thermocouple grids, as discussed in the previous section. As for 
cooling mode, effect of dehumidification on air side cooling capacity is substantial, chilled 
mirror dew point sensors are adopted at air inlet and outlet of evaporator, providing necessary 
information for air enthalpy calculation. With air volumetric flow rate, air density, as well as 
inlet and outlet enthalpies, the air side heat exchanger capacities can be derived. 
Figure 4.9 shows the sensor instrumentation for refrigerant side capacity measurements. 
Absolute pressures are measured at compressor suction and discharge, inner condenser outlet, 
outdoor heat exchanger inlet, and evaporator inlet, while pressure drop across all three heat 
exchangers are measured by three differential pressure transducers. Refrigerant temperatures 
are measured accordingly by inserting 1/16" immersion type T shielded thermocouples into the 
copper tubes where refrigerant flows through. With pressures and temperatures measured, 
refrigerant enthalpy at various locations can be evaluated. Refrigerant mass flow rates for 
cooling and heating modes are measured by two Micro Motion mass flow meters, respectively. 
With mass flow rate and enthalpy information obtained, refrigerant side capacity can be easily 
calculated by conservation of energy. 
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For determining operating conditions, the EEV opening size should be measured. However, 
there isn’t an easy way to determine the actually size of the opening, nor is there any practical 
meaning. As a result, we’re trusting the IB controller, and simply record the control signal 
voltage, and use that as a reference of the percentage opening of the EEV. 
 
T – thermocouple, P – absolute pressure transducer, DP – differential pressure transducer, 
MM – Micro Motion mass flow meter, H – hose connection fitting, 
 V – ball valves, EEV – electronic expansion valve, 3WV – 3-way valve 
Figure 4.9 Refrigerant side instrumentation 
4.4 Procedures of System Performance Measurement 
The experimental system in this project was built based on the heat pump air conditioning 
system of a currently commercially available electric vehicle with necessary modifications. A 
large parameter space exists regarding to system performance study. When a system is built, 
some parameters are fixed and don’t require special attention for performance study as long as 
modification of system components is not required. Compressor displacement, sizes and 
designs of heat exchangers, configuration of the system are such fixed parameters. Some 
parameters require careful selections, while the selections are made, they are fixed at those 
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values throughout its entire life. For a practical system, the system total refrigerant amount is 
typically fixed, while the charge amount needs to be determined through a charge determination 
test. For the original Nissan Leaf heat pump system, fixed orifice tubes are used as expansion 
devices. As EEVs are used for throttling in this project, the opening size should be determined 
as they are meant to mimic the original orifice tubes. The working environment parameters are 
defined by the indoor and outdoor temperatures and relative humidity. Some other parameters 
that will affect system performance of a properly set system are regarded as controllable 
parameters. In this project, we are able to control compressor speed, and indoor and outdoor air 
flow rates. The indoor air flow rate is evaluated in mass flow rate in kg/min, and the outdoor air 
flow rate is evaluated in outdoor heat exchanger inlet face velocity in m/s, by following SAE 
standard J2765 (SAE-J2765 2008). 
In this project, we used a semi-hermetic mechanical compressor from a previous project instead 
of using the original electric compressor due to technical difficulty in the lab. All the three heat 
exchangers were purchased from Nissan dealer, and are exactly the same as the on-vehicle ones. 
The heat exchangers were connected in the same configuration as they would have been on an 
actual car. To fit the heat exchangers into the test facility, the original automotive hoses were 
replaced with copper tubes with appropriate lengths and diameters, as their shape and length 
won’t affect system performance much as long as they are properly insulated. The original 
accumulator was replaced with a transparent one with sufficient internal volume. With the setup 
assembled and properly connected, the geometries of components were thereby kept unchanged. 
After installation of the system, appropriate refrigerant charge amount and expansion valve 
opening size needed to be determined. As heating mode is considered as a secondary function 
of the system compared to cooling mode, the refrigerant charge amount was determined based 
on cooling mode requirement, while the same test has also been carried out for heating mode 
for comparison. The charge determination test procedures were stated by SAE standard J2765. 
However, that standard is designed for IC engine cars. While for electric vehicles, electric 
compressors are used instead of shaft driven mechanical compressors. The compressor speed is 
no longer dependent on engine speed, or drive train motor speed. And these compressors can 
operate at much higher speed than mechanical compressors. For experiments in this thesis, the 
mechanical compressor used to mimic the original electric compressor is oversized in 
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displacement, therefore the compressor speed was lowered from the standard specified value to 
a more reasonable value, so that the cooling capacity at standard specified condition was 
appropriate for a compact car. All other test parameters for charge determination test were kept 
the same as the standard. Experimental data were taken at the modified test condition for 
different refrigerant amount with increments of 50 g. The system charge amount was 
determined to be the upper bound of the range with maximum cooling capacity and maximum 
COP. The upper bound was chosen because refrigerant amount can only accidentally decrease 
due to leakage rather than increase. For heating mode, since no industrially accepted standard 
exists, the charge test condition was decided to be approximately the condition when the heat 
pump is most useful and most frequently needed. Charge amount needed for heating mode was 
determined by following similar procedures as the test for cooling mode, with heating 
performance factor (HPF) as a criteria instead of COP. The difference between the charge 
amount needed for cooling and that for heating is regarded as charge imbalance. 
Beside refrigerant charge amount, EEV opening size was another parameter to setup before any 
system performance description. In this thesis, the EEV for cooling mode was kept 100% open, 
while we put more effect in effect of EEV opening size for heating operations. A series of data 
points were taken by fixing air inlet temperature and flow rates in both indoor and outdoor, as 
well as compressor speed, while only the EEV opening size was gradually decreased. The EEV 
opening size was then selected at the value where HPF was maximum or heating capacity was 
maximum, whichever was larger. It turned out these two values were very close to each other, 
we tent to select the larger one to reduce the risk of overwhelmingly high high-side pressure. 
As a matter of fact, the EEV opening size and system charge amount are strongly linked as EEV 
strongly affect subcooling level at condenser outlet, while the length of the subcooled region is 
a primary factor of system charge amount. Regarding to capacity and COP (or HPF) 
maximization, EEV opening size and system charge should be adjusted in an iterative manner 
until capacity and COP (or HPF) are approximately maximized regarding to both factors. In this 
thesis, the iterative process is carried out for two times to reach reasonable values of system 
charge and EEV opening size. 
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With experimental system built and necessary setup finished, by varying compressor speed, air 
inlet temperatures, and air flow rates, a large parameter space could be generated. However, 
going over the entire parameter space can be overwhelming and unrealistic. This thesis aims to 
build a basic quantitative understanding of how the system reacts to change of operating 
conditions. As the cooling function of mobile air conditioning systems has been studied by 
many researchers, while heating has not yet been fully described, we focused our efforts on 
heating performance by operating the system in heating mode. For each controllable parameter, 
we simply fixed all other parameters and changed only the one to be studied to see its impact 
on system performance. The effect of compressor speed, indoor and outdoor air flow rates were 
studied in such a fashion. While for indoor and outdoor air temperatures, a special test matrix 
was designed to mimic different ambient air temperature, and change in cabin interior 
temperature during warm-up. 
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CHAPTER 5: DATA REDUCTION AND UNCERTAINTY 
5.1 Compressor Work 
The compressor shaft work is simply the product of compressor speed and shaft torque, as in 
equation (1). In the equation, cpV  is in [rpm], shaftT  is in [N∙m], and ,cp shaftW  is in [kW]. 
,
2
60 1000
 cp shaft cp shaftW V T  
(1) 
  
5.2 Air Side Capacity 
5.2.1 Evaporator capacity in cooling mode 
Basically, the air side capacity is the product of air flow rate and air enthalpy change. However, 
this is not the case when there is dehumidification, for example, at the evaporator surface in 
cooling mode. In this case, the evaporator air side capacity needs to be divided into sensible 
part and latent part, as in equation (2). 
, , , , ,evap air evap air sen evap air latQ Q Q   (2) 
The sensible capacity is calculated through equation (3). As the air flow include both dry air 
and moisture, the air density at nozzle ,idn air  in equations (4) and (5) should be humid air density, 
which can be obtained by Engineering Equation Solver (EES) with inputs of temperature, 
pressure, and relative humidity, as in equation (6). The relative humidity is determined by 
equation (7). The nozzle area is the flow area of the nozzle exit, calculated through (8). The 
dimensionless constant , 0.975d idnC   is calibrated from previous ACRC projects. 
, , , , ( )evap air sen id air p air eai idnQ m C T T   (3) 
, , ,id air idn air idn airm V    (4) 
, ,
,
2 idn
idn air d idn idn
idn air
PV C A 
  (5) 
, 2(' ', , , )idn air idn idn idnDensity AirH O T T P P R RH      (6) 
2 ,
2
(' ', )
(' ', )
sat dp idn
idn
sat idn
P H O T T
RH
P H O T T
   (7) 
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idn
idn
DA n  (8) 
The latent part of evaporator capacity is the product of the rate of condensation and its enthalpy 
change, as shown in equation (9). The rate of water condensation is determined by monitoring 
the change of dew point temperatures, the calculation is shown in equations (10) to (14). The 
enthalpy of condensed water vapor and condensate can be obtained by invoking enthalpy 
function in EES, as in equation (15) and (16), where the condensate is assumed to be saturated 
liquid, as sensible enthalpy change of subcooled liquid is negligible compared to latent heat. 
, , , ,( )evap air lat condensate moist eai condensate eaoQ m h h   (9) 
( )condensate dryAir eai idnm m      (10) 
2 ,
2 ,
(' ', )0.62198 (' ', )
sat dp eai
eai
atm sat dp eai
P H O T T
P P H O T T
     (11) 
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sat dp idn
idn
idn sat dp idn
P H O T T
P P H O T T
     (12) 
, ,dryAir idn air idn dryAirm V    (13) 
2 ,
,
(' ', )idn sat dp idn
idn dryAir
air idn
P P H O T T
R T
    (14) 
, 2 2 ,(' ', , (' ', ))moist eai eai sat dp eaih Enthalpy H O T T P P H O T T     (15) 
, 2(' ', , 0)condensate eao eaoh Enthalpy H O T T x    (16) 
 
5.2.2 Inner condenser capacity 
As the inner condenser provides heat to air flowing through it, air temperature increases, and 
no phase change will happen, therefore only sensible heat should be taken into consideration, 
as shown in equation (17). 
, , , ( )icond air id air p air idn icaiQ m C T T   (17) 
 
5.2.3 Outdoor heat exchanger capacity in cooling mode 
In cooling mode, the outdoor heat exchanger works as a condenser. Similar to the inner 
condenser in heating mode, capacity of outdoor heat exchanger is calculated by equation (18), 
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where air mass flow rate is calculated in a similar way as indoor air mass flow rate. Since dew 
point temperature in outdoor chamber is not measured, and its effect on mass flow rate is small, 
the monitored dew point temperature from website of Department of Atmospheric Science is 
used for calculation of relative humidity. 
, , , ( )ohex air od air p air ohao ohaiQ m C T T   (18) 
, , ,od air odn air odn airm V    (19) 
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5.2.4 Outdoor heat exchanger capacity in heating mode 
In heating mode, theoretically, both inlet and outlet dew points should be measured to obtain 
the latent capacity. When frosting is happening, frost weight should also be measured, as 
enthalpy change between vapor-liquid phase change and vapor-solid phase change is different. 
However, as the air temperature change before and after air passes through the outdoor heat 
exchanger is typically small (only a few degrees in Celsius), it is much easier to simply turn on 
a dehumidifier inside the chamber to ensure dry condition operation when frosting is not a 
primary study objective. Therefore in this project, the outdoor chamber was always kept dry by 
turning on the dehumidifier to ensure no water condensate or frost formed on the outdoor heat 
exchanger surface. Under this circumstance, the capacity of the outdoor heat exchanger is 
calculated by equation (24). In the equation, the air mass flow rate is calculated through 
equations (19) to (23), while the relative humidity at outdoor chamber is arbitrarily set to 50% 
as an estimate, and equation (22) is modified to equation (25). 
, , , ( )ohex air od air p air ohai ohaoQ m C T T   (24) 
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5.3 Refrigerant Side Capacity 
Referring to conservation of energy, the refrigerant side capacity is simply the product of 
refrigerant mass flow rate and enthalpy change, as in equation (26). The refrigerant mass flow 
rate is measured by corresponding mass flow meter for different operating modes. Refrigerant 
enthalpies at inlet and outlet of heat exchangers are determined by refrigerant pressure, 
temperature, and sometimes phase. For different locations, refrigerant maybe subcooled liquid, 
two phase, saturated vapor, or superheated vapor. Enthalpy for subcooled liquid and 
superheated vapor can be calculated by EES with inputs of corresponding temperature and 
pressure directly. For compressor outlet and outlets of evaporators for both operating modes, as 
no liquid is allowed to enter compressor via accumulator, for steady state operation, when there 
is no observable superheat at these locations, the vapor can be assumed to be saturated vapor, 
while ignoring the refrigerant that’s dissolved in lubricant. In summary, the enthalpies for both 
cooling mode and heating mode are determined by following the logic in Table 5.1. Note that 
for situations where no subcooling is observable at condenser outlet, the refrigerant mass flow 
rate cannot be measured by the mass flow meter, and heat exchanger exit enthalpy cannot be 
calculated with temperature and pressure inputs, therefore refrigerant side capacity is unknown. 
| |ref ref in outQ m h h   (26) 
Table 5.1 Determination of refrigerant enthalpy 
Location Temperature Pressure Mode Phase Enthalpy 
cpri Tcpri Pcpri Cooling/Heating SH/Vsat h(Ref, T ,P)/h(Ref, P, x=1) 
cpro Tcpro Pcpro Cooling/Heating SH h(Ref, T ,P) 
icri Ticri Picro + ΔPicr Cooling/Heating SH h(Ref, T ,P) 
icro Ticro Picro Cooling SH h(Ref, T ,P) Heating SC/TP h(Ref, T ,P)/NaN 
oxri Toxri Picro Heating SC/TP h(Ref, T ,P)/NaN 
ohri Tohri Pohri Cooling SH h(Ref, T, P) Tsat(Ref, Pohri) Heating TP hoxri 
ohro Tohro Pohri – ΔPohr Cooling SC/TP h(Ref, T, P)/NaN Heating SH/Vsat h(Ref, T ,P)/h(Ref, P, x=1) 
ixri Tixri Pohri – ΔPohr Cooling SC/TP h(Ref, T, P) 
eri Tsat(Ref, Peri) Peri Cooling TP hohro 
ero Tero Peir – ΔPer Cooling SH/Vsat h(Ref, T ,P)/h(Ref, P, x=1) 
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5.4 COP and HPF 
Coefficient of performance (COP) generally refers to the ratio of desired output to work input. 
Here we differ cooling mode and heating mode by using COP for ratio of cooling capacity to 
compressor shaft work, and using HPF for ratio of heating capacity to compressor shaft work. 
As the blower and fan work strongly depends on specific vehicle geometry and air ducts design, 
and for the experiments carried out in this study, most of the air flow pressure drop is caused 
by the nozzles, the blower and fan work is not included in the total work in put for calculation 
of COP and HPF. If not stated explicitly, the COP and HPF are calculated with air side capacity 
measurements, since for some situations, refrigerant side capacity may not be available. 
Equations for COP and HPF calculation are very straight forward, as shown in equations (27) 
and (28). 
,
COP cooling
cp shaft
Q
W
  (27) 
,
HPF heating
cp shaft
Q
W
  (28) 
5.5 Measurement Uncertainty 
Uncertainty of the system performance (capacity) and energy efficiency (COP or HPF) has two 
major sources: instrument uncertainty, and temporal fluctuation. During the experimental study, 
the temporal fluctuation was well monitored, and was generally much smaller than the 
instrument uncertainty. Also, average for a time period of 10 minutes helps to reduce its effects. 
Hence, only the instruments uncertainty was taken into consideration when calculating 
uncertainty of the system performance and energy efficiency. The instrumentation uncertainty 
is described in Table 5.2. An uncertainty propagation analysis was performed by using EES. 
Overall, the uncertainty for air side cooling capacity was about 4.0%, COP 4.0%, air side 
heating capacity 5.8%, and HPF 5.9%. 
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Table 5.2 Uncertainty of measurements 
Instrument Range Accuracy Description or location 
Type T welded 
thermocouple wire -200 ˚C to 200 ˚C 
greater of 0.5 ˚C or 0.4% 
reading (>0 ˚C) air temperature 
Type T immersed 
thermocouples -200 ˚C to 200 ˚C 
greater of 0.5 ˚C or 0.4% 
reading (>0 ˚C) refrigerant temperature 
Dew point sensor -40 ˚C to 60 ˚C ±0.2 ˚C 
air flow upstream and 
downstream of 
evaporator 
Differential pressure 
transducer 
1” WC 
(249 Pa) 
±1% of full scale 
±2.5 Pa 
air flow through 
outdoor heat exchanger 
Differential pressure 
transducer 
3” WC 
(747 Pa) 
±1% of full scale 
±7.5 Pa 
air flow through 
outdoor nozzle 
Differential pressure 
transducer 
5” WC 
(1245 Pa) 
±1% of full scale 
±12.5 Pa 
air flow through indoor 
nozzle 
Differential pressure 
transducer 
50 psi 
(344.7 kPa) ±1 kPa 
refrigerant flow through 
evaporator 
Differential pressure 
transducer 
5 psi 
(34.5 kPa) ±1 kPa 
refrigerant flow through 
inner condenser 
Differential pressure 
transducer 
5 psi 
(34.5 kPa) ±1 kPa 
refrigerant flow through 
outdoor heat exchanger 
Absolute pressure 
transducer 
500 psi 
(3447.4 kPa) ±1 kPa 
refrigerant outdoor heat 
exchanger inlet 
Absolute pressure 
transducer 
200 psi 
(1379.0 kPa) ±1 kPa 
refrigerant compressor 
inlet 
Absolute pressure 
transducer 
1000 psi 
(6894.7 kPa) ±1 kPa 
refrigerant compressor 
outlet 
Absolute pressure 
transducer 
200 psi 
(1379.0 kPa) ±1 kPa 
refrigerant evaporator 
inlet 
Absolute pressure 
transducer 
1000 psi 
(6894.7 kPa) ±1 kPa 
refrigerant inner 
condenser outlet 
Micro motion CMF050 6800 kg/h (1888.9 g/s) 
±0.045 g/s 
(zero stability) 
cooling mode liquid 
line 
Micro motion 
CMF025 
2180 kg/h 
(605.6 g/s) ±0.05% 
heating mode liquid 
line 
Torque meter 0 to 28.2 N∙m ±0.15% of full scale compressor shaft 
Tachometer 0 to 15000 rpm ±0.25% compressor shaft 
Scale 0 to 60 lb 0 to 27.22 kg ±0.5 g 
refrigerant mass during 
charging 
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CHAPTER 6: RESULTS AND DISCUSSION 
6.1 Determine Refrigerant Charge and EEV Opening Size 
The appropriate system refrigerant charge amount was first looked into in cooling mode, as 
cooling function is the prior role of the system. Referring to SAE standard J2765, both indoor 
and outdoor air temperatures were fixed at 40 ˚C, as a representation a relatively hot day, when 
generally more refrigerant is needed for efficient operation. Face velocities were fixed at 2.5 
m/s for evaporator inlet, and at 3.7 m/s for condenser inlet, close to the high end for passenger 
car applications. Speed of the compressor was set to 1300 RPM. This was lower than the 
standard specified 2000 RPM because the mechanical compressor was oversized for this system. 
The EEV opening size of 100% of full stroke size was found to be appropriate since the 
subcooling level at condenser outlet with sufficient charge amount was about 12 ˚C, roughly 
the typical subcooling value for a properly operating mobile air conditioning system. With all 
these parameters set, refrigerant was gradually added to the system by increments of 50 g 
starting from 800 g. Once the desired amount of refrigerant had been charged, the system was 
stabilized at the desired conditions for at least 10 minutes, and then data was collected for 
another 10 minutes for every 6 seconds. Then average of all measured parameters were taken 
for calculation. From the result shown in Figure 6.1, both cooling capacity and COP first 
increased and then decreased with increasing refrigerant charge. Cooling capacity reached 
maximum at 1100 g, and COP reached maximum at 1050 g. As discussed before, the 
appropriate charge amount for cooling mode can be concluded to about 1100 g, and this should 
be the appropriate system refrigerant charge amount for all working modes and conditions. 
Figure 6.1 also shows that with increasing charge amount, superheat at evaporator outlet 
decreased and eventually reached 0 ˚C at about 1150 g, meanwhile, subcooling at condenser 
outlet gradually increased to 12 ˚C at 1150 g. After that, both superheat and subcooling stayed 
almost unchanged, regardless of further added refrigerant charge. In fact, after this point, nearly 
all further added refrigerant stayed in the accumulator and had little effect on system 
performance. Figure 6.2 shows the change of refrigerant pressure and mass flow rate with 
increasing refrigerant amount. We can see that both compressor inlet and outlet pressure 
increased, as well as their difference. For fixed compressor speed, the increased pressure 
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difference led to higher compressor power consumption, as shown in Figure 6.1. While higher 
low side pressure and lower superheat led to higher suction density, and therefore higher 
refrigerant mass flow rate, contributing to larger cooling capacity. However, increasing low side 
pressure indicated increasing evaporating temperature, thus temperature difference between air 
and refrigerant was decreasing, which tended to cause the cooling capacity to decrease. The 
combined effect of increasing refrigerant mass flow rate and decreasing heat transfer 
temperature difference created the first increasing and then slightly decreasing feature of 
cooling capacity. While combined with always increasing compressor power, the maximum 
COP appeared at a slightly lower charge amount value compared to maximum cooling capacity 
charge amount. 
For heating operation, similar charge determination tests have been carried out. Indoor air 
temperature was fixed at 10 ˚C with air mass flow rate of 6.0 kg/min, and outdoor temperature 
at 0 ˚C for face velocity of 4.0 m/s. At first, the EEV for heating mode was set to be 100% open, 
and the charge determination test results are shown in Figure 6.3 and Figure 6.4. Throughout 
these two figures, we can see that the superheat at compressor inlet was almost always 0 ˚C, as 
well as subcooling at inner condenser outlet. At the same time, there was nearly no change in 
heating capacity and HPF. By looking into the liquid level in the transparent accumulator, as 
refrigerant was gradually added into the system, the liquid level increased linearly with total 
system charge amount with very high linearity. That indicates the added charge stayed in the 
accumulator and had no contribution to system operation. This phenomenon also gives a hint 
that we may not need to optimize refrigerant charge and expansion valve opening size in an 
iterative manner. By optimizing expansion valve opening size with sufficient amount of charge 
in the system so that the accumulator is always partially filled with liquid, if we can verify that 
the system performance is getting better with increasing charge amount before the point when 
liquid starts to accumulate in the accumulator, then we can claim that this point is the needed 
charge for heating mode operation. 
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Figure 6.1 Charge determination test for cooling mode 
 
Figure 6.2 Change of refrigerant pressure and mass flow rate during cooling mode charge test 
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Figure 6.3 Heating mode charge determination with EEV fully open 
 
Figure 6.4 Liquid accumulation during heating mode charge determination test 
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To find an appropriate EEV opening size for heating mode operation, a total amount of about 
1100 g of refrigerant was added into the system, and data were collected for different EEV 
opening size by gradually closing the valve from 100% toward 30%. While changing the EEV 
opening size, compressor speed, indoor and outdoor air inlet temperatures, indoor air mass flow 
rate, as well as outdoor heat exchanger face velocity were kept unchanged. As is shown in 
Figure 6.5, while gradually closing the EEV, both heating capacity and compressor work started 
to increase. However, when the EEV opening size became smaller than 35%, heating capacity 
started to drop dramatically, on the contrary, compressor work increased even faster with 
closing of the valve. As a result, the heating capacity reached its maximum at about 40% EEV 
opening, which was 8.2% higher than the full stroke capacity, the corresponding indoor air 
discharge temperature increased 2.5 ˚C. With compressor work also increasing, the HPF 
reached maximum at a slightly larger EEV opening size, at 45%, with a value 8.1% higher 
compared to fully open EEV. It should be noted that all these benefits were achieved by merely 
changing the size of the expansion device. This simply shows how important it is to properly 
size the expansion device for a fixed orifice tube heat pump system. From this test, the 
appropriate EEV opening size was determined to be 40%. 
 
Figure 6.5 Effect of EEV opening size on capacity, compressor work, and HPF 
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When adjusting EEV opening size, the changes of compressor work and heating capacity can 
be qualitatively explained by looking closer to changes of refrigerant pressure and mass flow 
rate. Shown by Figure 6.6, as the valve was being closed, the compressor suction pressure 
remains almost unchanged, while the discharge pressure first slowly increased, and tended to 
increase faster as EEV opening size got smaller. The low side pressure was primarily 
determined by the evaporating temperature in the outdoor heat exchanger. For automotive 
applications, the outdoor heat exchanger is typically designed to be much larger than the indoor 
heat exchanger, and temperature different between air and refrigerant is small. As a result, 
changing EEV opening size didn’t have much effect on evaporating temperature, and hence 
suction pressure remained almost constant. While closing EEV tends to result in larger pressure 
difference between high side and low side. With almost fixed low side pressure, high side 
pressure must go up. Higher high side pressure led to higher condensing temperature in the 
inner condenser, so that the capacity tended to increase. At the same time, the pressure ratio 
between compressor discharge and suction was also increasing. From equation (29), the 
volumetric compressor efficiency will decrease. Since refrigerant mass flow rate is determined 
by compressor speed, displacement, volumetric efficiency, and suction density, as in equation 
(30). With unchanged suction pressure and no superheat, suction density was nearly constant. 
Therefore refrigerant mass flow rate decreased with decreasing volumetric efficiency, which 
resulted in a negative effect on heating capacity. 
In summary, when closing EEV, higher high side pressure had a positive effect on heating 
capacity, while higher pressure ratio led to lower refrigerant mass flow rate and negatively 
affected heating capacity. These two effects created the hill-shaped heating capacity curve. 
While the always increasing compressor work mad the HPF maximizing EEV opening size 
slightly larger than heating capacity maximizing EEV opening size. 
1/
1 1
n
cpro
volm clearance
cpri
P
V
P

          
 (29) 
ref volm comp disp sucm N V    (30) 
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Figure 6.6 Effect of EEV opening on refrigerant pressure and mass flow rate 
With the EEV opening size determined to be 40%, another heating mode charge determination 
test was carried out at the same condition as previously stated, except for EEV opening size was 
set to the new 40% value. In this set of tests, the HPF reached maximum at 700 g, and slightly 
decreased as more charge was further added into the system. While heating capacity increased 
rapidly before 750 g, and after that, it kept slightly increasing as more charge was added. At the 
same time, compressor work was always increasing with more charge being added. By taking 
into both HPF and heating capacity into account, charge amount of 750 g was found to be 
appropriate for heating operation. This amount was different by the charge amount determined 
for cooling operation by 350 g, almost 1/3 of the total charge that needed to be added into the 
system! 
To conclude this section, the system charge amount was determined to be 1100 g, and EEV 
opening size to be 40%. 
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Figure 6.7 Heating mode charge determination test for EEV opening at 40% 
6.2 Effect of Air Flow Rates and Compressor Speed 
The heat pump system can be controlled by compressor, and indoor and outdoor blowers. To 
get a rudimentary understanding of these controllable factors, the system was studied by 
changing each of them while keeping all other settings unchanged. 
As shown in Figure 6.8, when increasing the indoor air mass flow rate from 4 to 12 kg/min, the 
heating capacity increased by 33%, while at the same time, the compressor work decreased 13%, 
the combined higher heating capacity and lower compressor work input contributed to 53% of 
increase in HPF. These benefits of increasing indoor air flow rate mainly came from lower 
condensing temperature. As air flow rate increases, air side heat transfer coefficient got higher, 
as well as the overall heat transfer coefficient. Therefore temperature difference between 
refrigerant and air dropped. Since the indoor air inlet temperature was fixed, the refrigerant 
condensing temperature was brought down, as was the condensing pressure. Hence pressure 
ratio of compressor becomes lower and specific compressor work decreases. 
Without considering the increased indoor blower power, it is always more energy efficient to 
use larger air flow rate. The blower power needed for different air mass flow rate is typically 
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determined by the heat exchanger and air supply duct geometries, and more blower power is 
expected for higher air mass flow rate. With details on that, one should expect there to be an 
optimum indoor air mass flow rate for maximum combined HPF with blower power taken into 
account in the total work input. While higher indoor air flow rate seems to be preferable 
regarding to energy efficiency, it is less so when passenger comfort is to be considered. As 
shown in Figure 6.8, when the indoor air mass flow rate got tripled, the air discharge 
temperature dropped from 44 to 25 ˚C. Moreover, the noise created by air flow can become 
significant, and overly high air velocity was not preferred either. 
Compared to the high sensitivity to indoor air flow rate, heating performance is much less 
sensitive to outdoor air flow. In Figure 6.9, as air face velocity entering the outdoor heat 
exchanger, which acted as evaporator, was doubled, the heating capacity increased 9.3%. 
Nevertheless, the compressor work also increased by 6.8%, partly cancelled the benefit of 
higher heating capacity. As a result, the HPF increased only by 2.2 ˚C. By further taking into 
consideration of the increased outdoor fan power, the HPF may even decrease at some situations. 
The increase in both heating capacity and compressor work mainly came from higher refrigerant 
mass flow rate resulting from higher low side pressure and suction density. 
 
Figure 6.8 Effect of indoor air flow rate on heating performance 
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Figure 6.9 Effect of outdoor air flow rate on heating performance 
The effect of compressor speed is straightforward. With more compressor power input, we got 
higher heating capacity, but lower HPF, as shown in Figure 6.10. 
 
Figure 6.10 Effect of compressor speed on heating performance 
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6.3 Warm Up Characteristics 
The heating load of a vehicle typically includes transient heating of thermal mass, radiation loss, 
convection loss, and ventilation loss, as shown in Equation (31). The transient term depends on 
the thermal mass inside the cabin, cabin interior geometry, and heat transfer characteristics of 
the thermal mass. The radiation term depends on weather, direction of the car, and time, and it 
can sometimes be a heat gain rather than a loss. The convection term mostly depends on vehicle 
speed, and wind speed and direction. The ventilation loss depends on infiltration of air into the 
cabin, and desired ventilation of fresh air. Setting aside the overwhelming complexity, the 
heating demand is primarily determined by the ambient temperature. Figure 6.11 shows the 
heating demand for a range of ambient temperatures, as given by Delphi researchers (Kowsky, 
et al. 2012). As the ambient temperature decreases, the heating demand increases dramatically. 
Q Q Q Qload rad conv ventdTmC dt   
     (31) 
 
 
Figure 6.11 Heating demand and available heat as functions of ambient temperature 
 (From Carrie Kowsky, Delphi, 2012) 
 
46 
 
Another factor that is important for heating load is the cabin interior temperature. For a cold 
soaked vehicle, heating of the cabin is a transient process. As the heat pump is turned on, cabin 
interior temperature will gradually increase, and heating capacity needed to maintain a certain 
air discharge temperature will decrease. 
In order to see the system performance for different ambient and indoor temperatures, we 
neglected the complexities that’s affecting heating load, and simply set the targeted air 
discharge temperature exiting the inner condenser to be 50 ˚C, while changing the compressor 
speed to reach that target. The results are shown in Figure 6.12. From the figure, we can see 
that HPF was always higher for higher ambient temperatures. For ambient above 5 ˚C, the 
targeted capacity can all be reached by changing the compressor speed. As the cabin interior 
temperature increases from the ambient temperature, required heating capacity decreases, while 
HPF increases. For ambient below 5 ˚C, at the beginning of the warming-up process, the 
targeted air discharge temperature could not be reached, as the compressor speed reached 
maximum. While the capacity got closer to the target as the cabin temperature got higher. If the 
ambient temperature get even lower, the heating capacity can always be insufficient. 
 
Figure 6.12 Heating capacity and HPF during warming-up 
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6.4 Potential for Subcooling Control for Maximizing HPF 
In previous ACRC project #294 (Pottker and Hrnjak 2012), it was shown that condenser exit 
subcooling has a strong effect on cooling COP. In this section, the effect of subcooling on 
heating performance was experimentally studied. The subcooling at inner condenser outlet was 
changed by changing the EEV opening size, while the air discharge temperature was maintained 
at the target by adjusting the compressor speed, hence the heating capacity was also unchanged, 
as shown in Figure 6.13. For the condition studied, the HPF reached maximum of 3.7 at 
subcooling of about 12.5 ˚C, when the compressor speed reached minimum. Therefore we can 
use 9% less compressor power to reach the targeted heating capacity by only adjusting the EEV 
opening size to reach optimum subcooling level.  
Figure 6.14 and Figure 6.15 shows the effects of subcooling and EEV opening size on HPF for 
three different conditions. From the figures, we can see that the potential increase by controlling 
subcooling is around 10% for all the cases tested. By comparison of the three cases, we can also 
see that for the same ambient condition and cabin temperature, HPF is much lower for higher 
target air discharge temperature, while for the same heating capacity but with higher cabin 
temperature, HPF will also be lower. The HPF maximizing subcooling for situations with the 
same heating capacity are close, and are lower than the situation with higher heating capacity. 
However, in terms of EEV opening size, the size needed for maximizing HPF is larger for lower 
indoor temperature, and smaller for higher indoor temperature, while heating capacity is less 
relevant. 
As the HPF maximizing subcooling and EEV opening size are all different, the relationship 
between subcooling and HPF need to be properly modeled in order to size expansion device or 
to control subcooling for optimum energy efficiency. Pottker (Pottker and Hrnjak 2012) 
proposed a linear relationship between COP maximizing subcooling and difference between air 
inlet and condenser temperatures. Xu (Xu and Hrnjak 2014) studied subcooling potential for a 
residential air conditioning system based on that linear relationship. However, that specific 
relationship does not work well with the heat pump system being studied. To obtain a robust 
control strategy for maximum HPF for all different conditions, either a good system model to 
predict relationship between subcooling and HPF, or a model-free control logic is needed. 
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Figure 6.13 Control subcooling for maximizing HPF when keeping heating capacity constant 
 
Figure 6.14 Effect of subcooling on HPF for three different conditions 
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Figure 6.15 Effect of EEV opening size on HPF 
6.5 Preliminary Charge Retention Study for Both Modes 
From the results in previous sections, we see that the refrigerant amount needed for heating 
mode and cooling mode are different. In this section, we look closer into that difference. Figure 
6.16 shows void fraction and two phase refrigerant density for different vapor quality and slip 
ratio. At low quality region, when most of the refrigerant is in liquid phase, the void fraction 
increases very fast with increasing vapor quality, due to the very low density of vapor phase. 
As vapor quickly occupies most of the volume, the liquid vapor mixture density drops 
dramatically as quality increases. As a result, most of the refrigerant mass will be retained in 
low quality region and subcooled liquid region. For a typically vapor compression system using 
R134a, refrigerant enters the evaporator at quality of about 0.3, and exits as either saturated or 
superheated vapor. While for condenser, refrigerant generally enters as superheated vapor, and 
exits as subcooled liquid. For liquid line between condenser outlet and expansion device inlet, 
refrigerant is either subcooled or has very low quality. Hence, most of the refrigerant mass will 
be staying in the condenser and liquid line. Therefore the internal volume of the condenser and 
liquid line are crucial for refrigerant charge management. 
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To get a more tangible idea of how is charge retained in system components, the experimental 
heat pump system was divided into 8 sections by adding valves at appropriate locations, as 
shown in Figure 6.17. The internal volumes of system parts were measured by two different 
methods: ideal gas method, and subcooled liquid method, while both used P-V-T relationship 
of the fluid being adopted. For the ideal gas method, an aluminum bottle was used as a reference 
volume, which was carefully calibrated by filling up with water and weighted. Then, nitrogen 
gas was filled into the reference bottle to a certain pressure, while filling system part to 
atmospheric pressure. By connecting the reference bottle and system part internal volume, 
equalize pressure to a final value, and use ideal gas law with measured temperatures and 
pressures, and the system part internal volume can be measured. For the subcooled liquid 
method, the system part was carefully vacuumed and flushed with vapor R134a, and then liquid 
refrigerant was filled from a preheated aluminum bottle which contains sufficient mass of 
refrigerant. After the system part was filled up, the aluminum bottle was placed in a warm water 
bath to maintain high pressure and to make sure the system part was filled with subcooled liquid. 
The stabilized temperature and pressure was then recorded for obtaining liquid density. By 
measuring the weight difference of the liquid refrigerant bottle, and compensate the effect of 
connecting hoses and valves, the system part internal volume can be determined, and accuracy 
was much higher than ideal gas method. Only the inner condenser internal volume was 
measured by using both methods, while the result given by both method matches very well, 
then subcooled liquid method was used for all other system components. The measurement 
results and uncertainty are shown in Table 6.1, and shown graphically in Figure 6.17. 
After the internal volume for each part has been determined, 230 grams of oil was injected to 
the compressor suction. Charge retention tests for both cooling mode and heating mode were 
carried out by adding known amount of refrigerant into the system, operate at a certain condition, 
stabilize for at least 10 minutes, then quickly close all the separating valves, and turn off the 
compressor at the same time. The refrigerant retained in different parts of the system was then 
carefully recovered first by ice, and then by liquid nitrogen to a pressure very close to vacuum. 
Details of the above procedure can be found in Peuker’s dissertation (Peuker and Hrnjak 2010) 
and Jin’s thesis (Jin and Hrnjak 2012), noted as Quick Close Valve Technique and Remove and 
Weigh Technique. The results for charge retention in cooling mode and that in heating mode 
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are shown in Figure 6.18 and Figure 6.19. From these two test results, we can see that the biggest 
charge retention difference comes from the condensers and liquid lines, and charge retention in 
these two parts accounts for about 70% of the total active charge for both modes. Hence, as was 
discussed, the internal volume of condensers and liquid lines for both modes are crucial in 
determining charge imbalance. Internal volume of these two parts can be altered by designing 
new heat exchangers, sizing liquid line appropriately, and choosing expansion device location 
thoughtfully. 
 
Figure 6.16 Void fraction and refrigerant density as functions of vapor quality for R134a 
Table 6.1 System internal volume measurements and uncertainty 
Section Method Volume [cm3] Uncertainty [cm3] 
Compressor suction SC liquid method 957.1 ±6.3 
Compressor discharge SC liquid method 282.1 ±2.1 
Compressor SC liquid method 1239.2 ±2.9 
Inner condenser IG method 300.3 ±1.9 
Inner condenser SC liquid method 302.0 ±0.6 
HP liquid line SC liquid method 248.7 ±1.3 
Outdoor HEX SC liquid method 754.2 ±1.5 
AC liquid line SC liquid method 335.7 ±1.3 
Evaporator SC liquid method 749.8 ±1.3 
Accumulator SC liquid method 1568.1 ±3.2 
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Compressor suction:    V9 → compressor suction 
Compressor discharge:    compressor discharge → V1&V2 
Inner condenser:   V1 → V3 
H/P liquid line:    V3 → V4 
Outdoor heat exchanger:   V4 → V6 
A/C liquid line:    V6 → 3WV 
Evaporator:    3WV → V7 
Accumulator:    3WV&V7&V8 → V9 
Figure 6.17 Charge retention test setup 
 
Figure 6.18 Cooling mode charge retention 
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Figure 6.19 Heating mode charge retention 
Refrigerant retention in components and system total active charge amount can also be affected 
by how we operate the system. Figure 6.20 shows the change of subcooling and liquid level in 
transparent accumulator during the EEV opening effect test described in the previous section. 
As the EEV was being closed from 100% open toward 30%, the liquid level in accumulator 
decreased in three stages, indicating increase of system active charge by closing EEV. At first, 
the inner condenser outlet subcooling was zero, and liquid level decrease was a result of inner 
condenser exit quality decrease. As the valve was being closed, the refrigerant pressure inside 
inner condenser was pushed up, more heat transfer happened between refrigerant and air, 
refrigerant quality exiting from inner condenser became lower, and more liquid refrigerant was 
kept inside the inner condenser. Meanwhile, the mass fraction of liquid inside the liquid line 
was also higher due to lower quality. Both resulted in more system active refrigerant charge, 
and hence liquid level decreased in the transparent accumulator. The second stage was 
characterized with a sudden drop of liquid level when the inner condenser outlet subcooling 
started to grow. As previously shown in Figure 6.16, two phase refrigerant void fraction 
decreases rapidly as quality approaches 0. While the inner condenser exit header and liquid line 
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had little heat transfer, and relatively large internal volume, to completely fill them up with 
liquid refrigerant, and reduce the void fraction to zero, it will take a lot of refrigerant mass. 
That’s why there was a sudden drop in liquid level when inner condenser exit was changing 
from two phase to subcooled. During the third stage, as the valve was further closed, subcooling 
kept growing, and liquid level gradually decreased. The boundary of subcooled liquid and two 
phase mixture was moving from the exit header to microchannel tubes as condensing pressure 
was further pushed up by closing EEV. As subcooling was created by heat transfer from 
subcooled liquid refrigerant to air, more subcooling means more heat transfer area occupied by 
subcooled region, hence more microchannel internal volume was occupied by subcooled liquid. 
As a result, system active charge amount increased and liquid level in accumulator decreased. 
Figure 6.21 shows that when controlling subcooling for maximum HPF, the system active 
charge amount changes. For every condition tested, the liquid level in the accumulator 
decreased linearly with increase of subcooling, which indicates by adjusting subcooling, 
refrigerant migrates from accumulator to inner condenser. While by comparing the three 
different conditions, we see that for higher heating capacity, or higher indoor temperature for 
same capacity, system active refrigerant amount are less for the same amount of subcooling. 
That’s mainly a result of higher inlet quality at the outdoor heat exchanger. 
55 
 
 
Figure 6.20 Effect of EEV opening on refrigerant charge migration 
 
Figure 6.21 Change of accumulator liquid level when controlling subcooling for maximizing HPF 
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CHAPTER 7: CONCLUSION 
7.1 System Performance Characteristics 
Heat pump for electric vehicles is a broad topic. In this thesis, the design of such a system was 
discussed in a general sense. A three heat exchanger system, currently being used by Nissan 
Leaf EV, was assembled in the lab and experimentally studied. The refrigerant charge amount 
for the experimental system was determined to be 1100 g based on a cooling mode charge 
determination test. The same charge determination tests have been carried out for heating mode 
also, with two different EEV opening settings: 100% and 40%. The value of 40% opening was 
determined from maximizing heating capacity and HPF by changing EEV opening size, and 
was found to be an appropriate value as a substitute for an orifice tube. 
The effect of indoor and outdoor air flow rate, as well as compressor speed, which are regarded 
as controllable parameters, were studied by changing the studied parameter while keeping all 
others constant. Both system heating capacity and HPF increased with increasing indoor or 
outdoor air flow rate, while their sensitivity to indoor air flow rate was much higher than that 
to outdoor air flow rate. Heating capacity increased with increasing compressor speed, while 
HPF decreased. For situations when more heat was needed, compressor speed should be the 
primary controllable to adjust, however, the energy efficiency will be lower with higher speed. 
The system warm-up characteristics was probed by using a series of steady state operating 
conditions to mimic the gradual warming up of the cabin interior. It is found that generally, HPF 
for cases with lower ambient temperature is lower than that for higher ambient temperature. 
While for the same ambient temperature, as the cabin is being warmed up, HPF will increase as 
heating demand decreases. For ambient temperature lower than a certain point, the heating 
capacity at start-up will become insufficient to reach a target air discharge temperature. Either 
lower air flow rate or lower target temperature will need to be enforced. While as cabin 
temperature increases, the target may become reachable. However, for further lower ambient 
temperatures, the cabin interior temperature may never reach a comfortable value, and the 
heating capacity of the heat pump system will never be sufficient. For situations like this, an 
extra PTC heater needs to be used for cabin heating. 
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Through the experiments, it is found that the system demand for refrigerant charge was different 
for cooling mode and for heating mode by 350 g, almost 1/3 of the total refrigerant charge 
amount, noted as the charge imbalance problem. Looking closer by charge retention tests for 
both modes, this imbalance problem was mainly caused by different condenser and liquid line 
sizes, as can also be explained by looking into void fraction in different locations of the system. 
Charge migration for different operating conditions was also observed by looking into the liquid 
level at transparent accumulator. Subcooling at condenser outlet turned out to be an important 
factor for charge migration. When controlling EEV opening for a fixed target heating capacity, 
the liquid level decreased linearly with increasing subcooling, indicating charge migrating from 
accumulator into inner condenser when closing EEV and increasing subcooling. And system 
active charge amount varied not only with subcooling, but also with heating capacity and 
operating conditions. 
7.2 Challenges and Opportunities 
Though the experimental system studied in this thesis has already achieved commercialization, 
it could be improved in terms of safety, compactness, and energy efficiency.  
1. The heating capacity at very low ambient temperature is most likely insufficient. To 
completely eliminate this problem, the system would need to be largely oversized for normal 
conditions, which is unrealistic. A practical way is to use a PTC resistive heater as a 
complementary heating device. While how to combine them in an energy efficient way is a 
topic worth exploring.  
2. Frosting on the outdoor heat exchanger surface at a humid day during heating season can 
degrade system performance largely. Though not investigated specifically, frosting has been 
observed during the study. A picture of the frosted outdoor heat exchanger was shown in 
Appendix B.  
3. Charge imbalance between different operating modes requires a sufficiently large low 
pressure side receiver (or accumulator). With knowledge of void fraction, it is possible to 
minimize this difference by properly design the heat exchangers, liquid lines, and locations 
of expansion devices.  
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4. There is large room for energy efficiency improvement by controlling indoor and outdoor air 
flow rates, as well as condenser exit subcooling for the accumulator system studied in this 
thesis. HPF improvement of about 10% has been observed by controlling subcooling with 
EEV opening adjustment. Either a good system model, or a control-free logic remains to be 
studied to run a heat pump system in an energy efficient way.  
5. Choice of good refrigerant is also challenging. R134a cannot work for a heat pump in very 
low ambient temperature as the evaporating pressure will become too low and compressor 
work gets extremely high. CO2 is regarded as good refrigerant for heat pump by many 
researchers, however, performance in cooling mode is typically lower, and cost is higher.
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APPENDIX A: HEAT PUMP DESIGNS BY OTHER RESEARCHERS 
 
Figure A.1 ACRC transcritical CO2 heat pump 
 
Figure A.2 Valeo direct and indirect R-1234yf systems, 2012 
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Figure A.3 Valeo modular heat pump system with CO2 
 
Figure A.4 Denso CO2 heat pump 
62 
 
 
Figure A.5 Behr heat pump system and operation modes 
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APPENDIX B: FROSTED OUTDOOR HEAT EXCHANGER 
 
